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Stability Analysis of Herringbone-Grooved Aerodynamic
Journal Bearings for Ultra High-Speed Rotations

Norifumi Miyanaga and Jun Tomioka

Abstract—Herringbone-grooved aerodynamic  journal
bearings are suitable to support a rotating shaft with an ultra
high-speed rotation. The aim of this work is to investigate the
effect of herringbone-groove geometries on stability
characteristics of the bearings, considering the centrifugal
growth of the shaft. For this purpose, a parametric study of
groove geometry is presented. The pressure in a lubricant air
film is governed by the compressive lubrication equation based
on the Narrow Groove Theory. The dynamic coefficients of the
bearing system are calculated using the linear perturbation
method. The threshold speed of whirl instability was determined
by applying the Routh-Hurwitz criterion to the characteristic
equation of the bearing system, and then the stability chart were
drawn. The validity of this analysis was proved by the
comparison of the stability chart with the journal behaviors
obtained from the nonlinear transient analysis. The results
obtained from the perturbation analysis and the nonlinear
transient analysis was in good agreement. These analysis shows
that the effect of the centrifugal growth of the shaft on the
threshold speed of whirl instability was significant in high
rotational speed. By considering the effect, the proper
herringbone-groove geometries for ultra high-speed operations
were obtained in this paper.

Index Terms—Herringbone bearings, aerodynamic bearings,
ultra high-speed rotations, stability analysis.

I. INTRODUCTION
For compact rotating machines, it is important to achieve a

stable ultra high-speed shaft rotation for superior performance.

Air-lubricated journal bearings are suitable to be used in such
small rotating machines due to their low frictional loss,
compared with oil bearings and rolling bearings. However, it
is absolutely difficult to apply them to such machineries since
they induce the self-excited vibration called whirl instability
in high-speed operating conditions.

Aerostatic bearings have been studied for high-speed
rotational devices [1]-[3]. Hikichi et al. [4] developed a
hydroinertia air bearings for over a million rpm. This bearing
is a special type of aerostatic bearings, in which the inertia
effect of air flow in a bearing clearance is predominant to the
viscous effect. Then, Tanaka et al. [5], [6] applied this
bearings to a palmtop gas turbine. As mentioned in these
references, aerostatic bearings can support a rotating shaft
with a rotational speed over a million rpm. However, in
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aerostatic bearings, a lubricating air film is provided from an
external source. Thus, they are not proper for the practical
uses in the compact machines. On the other hand, in
aerodynamic bearings, the generation of a lubricating air film
relies on the geometry and motion of the bearings. Among
aerodynamic bearings, foil bearings have been extensively
studied as the strong candidates for ultrahigh speed operations
[71-[10]. Typical foil bearings have high structural damping
by dry friction between the top foil and the bump foil.
However, because of the wear between the foils, they need
routine maintenance. In addition, it seems that the optimal
design of the bearing configurations is not easy because of
their complex structures.

Currently, herringbone-grooved bearings have been used in
miniature rotating machines such as information devices
[11]-[15]. They have herringbone-shape grooves on their
bearing surface, and can generate higher support stiffness by
pumping a lubricating fluid inward. For that reasons, they can
be expected to operate up to the ultra high-speed without the
unstable phenomena. Therefore, in the previous paper, the
authors [16] developed an aerodynamic bearing system
employing herringbone-grooved aerodynamic  journal
bearings and tested its bearing performance. In this system, a
rotating shaft with 6.0mm diameter and 30.75mm length is
supported by the herringbone-grooved aerodynamic journal
bearings at both ends. The shaft is driven by an air turbine
located at its one end. According to the tests, the system can
be operated up to a half million rpm, and the threshold speed
of whirl instability of the herringbone-grooved bearings were
extremely higher than that of the plane bearings. Y oshimoto et
al. [17] also reported that herringbone-grooved bearings have
the ability to be used in their ultra micro gas turbine. Ise et al.
[18] developed a split-type herringbone-grooved journal
bearing and demonstrated its performance. In this
demonstration, the bearing induced the whirl instability at
very low rotational speed.

The performance of herringbone-grooved aerodynamic
journal bearings, including the threshold speed of whirl
instability, is strongly influenced by the groove geometries.
However, the effects of the groove geometries on the stability
of the herringbone-grooved bearings for ultra high-speed
rotations are not fully discussed yet. The purpose of this
present work is to establish the effects of the grooves on the
stability of the herringbone-grooved bearings, and to clarify
the proper groove geometry for more ultra high-speed
operations. For this purpose, a parametric study of groove
geometry is presented by the linear perturbation stability
analysis. A nonlinear transient stability analysis is also
presented. These analyses incorporate the effect of the
centrifugal growth of the rotating shaft.



International Journal of Materials, Mechanics and Manufacturing, Vol. 4, No. 3, August 2016

The nomenclatures used in this paper are as follows.
Variables with » means dimensional quantities and those
without ~ means non-dimensional.

NOMENCLATURE

C : bearing radial clearance

€ : eccentricity

h : fluid-film thickness = h/C

H : groove depth ratio = ($+ é)/é

L: bearing length

M : mass of shaft

p : fluid-film pressure = P/ P,

f)a : atmospheric pressure

R : shaft radius

W : fluid-film force =W /(2,RL)

a : groove width ratio =&, /(& +&,)

o?r : width of ridge part in a ridge-groove pair
dg : width of groove part in a ridge-groove pair
: groove angle

: groove depth

 eccentricity ratio = é/ C

: bearing length to diameter ratio = ﬁ/ZIQ

: dimensionless rotational speed
: viscosity of fluid-film

AR U P

: whirl frequency ratio = @, /®
“time = &t

: angular velocity of shaft rotation
o angular velocity of whirl

: shaft mass = mpaCS/(/}Z LR®)

o & &2

Fig. 1. Journal bearing.

Ill. THEORY

A. Lubrication Equation

The coordinate of the herringbone-grooved bearing
analyzed here is shown in Fig. 1 - Fig. 2. The bearing sleeve
has the grooves on its inner surface as shown in Fig. 2. The
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pressure in a lubricant air film is governed by the compressive

lubrication equation based on the narrow groove theory [19].

This theory provides reasonable solutions to bearings with

large number of herringbone grooves. Assuming the perfect

gas and the isothermal conditions, the lubrication equation is
El

()% 3E T2 o)
N wwsypﬂl(a apz_ZA(EyM

roz|\Ey )00 4 EOJ oz E,
a2 22), 2] g
or 0t 00

20
where the nomenclatures of Ey-Eg are the functions of the
groove geometry (a, B, H) and film thickness (h), shown as
follows.

0
20

op?

op®

E
o 1[E

)

Ey =aoh’ +(1-a)h,®

E, =h’h’ +a(l-a)(h,’ —h’)cos’ B

E, =a(l-a)(h,’ —h,*)* cosBsin B

Es =a(hy —h )’ +a(l-a)(h, —h)(h,* —h,*)cos’ B
E,=a(h, —h,)

Es =a(l-a)(h,® —h,*)?sin pcos g

Es =h,°h,° +a-a)(h,* -h*)sin’ g

E; =a(l-a)(h, —h,)(h,* —h,*)sin pcosp

E = ah, +(1-a)h,

@
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&, £

L
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%
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>

Fig. 2. Geometry of herringbone groove.

The film thickness is given for ridge and groove part,
respectively, shown as follows.

h, =1+&cos@—wA” (atridge part) (3)

h, = H +£c0s 6 —yA? (at groove part) (4)

where  represents the expansion ratio of the rotating shaft
and is expressed as

_(1-v,)ppC

iy 5)
144E 2R

In Eq.(5), E and Vpare the Young’s modulus (72GPa)

and the poison ratio (0.34) of the shaft, respectively. p is the
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density of the shaft (2700kg/m?).
The boundary conditions in the circumferential and axial
directions are

p(6,+1) =1 (6)
p(0,2) = p(6+2r,2) ()
o _% (8)
00|, 00|,.,,
[or(M, ) groe + (L= @)(M )], =0 ©)

B. Steady-State Performance

The components of the fluid-film forces in the radial and
tangential directions at the static equilibrium position are
obtained from Egs.(10) and (11), respectively.

(10)

_%jlljoz”( p—1)cos&dddz

(11)

% [ [ (p-1sinodedz

The load carrying capacity and the attitude angle are
obtained from Egs.(12) and (13), respectively.

W = W,* +W, (12)

-1
¢=tan" (W, /W,) (13)

C. Equations of Motion
Let us consider a simple bearing system, in which a
perfectly balanced rigid shaft is supported on

herringbone-grooved aerodynamic journal bearings. The
equations of motion of the shaft in x- and y-directions are

(QA?/72)X =-W, sin ¢+W, cos ¢ (14)

(QA?[T2)Y =-W, cos¢—W, sin ¢ (15)
D. Linear Perturbation Stability Analysis

In this section, the threshold speed of whirl instability is
obtained by the linear perturbation analysis. When the shaft
has a small vibration around the static equilibrium position at
the threshold speed of whirl instability, the fluid-film pressure
is expanded as follows.

p = pO + ngAg + pglAé + ngAé t
+ p¢oA¢+ p¢1A¢;+ p¢2A¢;+"'

Assuming the small displacement of the shaft as follows,

(16)

Ae = g€t (17)
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Ap=ge' (18)

Then,
Aé=ive ) Aé=—vAg, - (19)
Ap=ivge "™ Af=—vAg, - (20)

Substituting Eqgs.(17) to (20) into Eq.(16), the pressure is
expressed as Eq.(21).

P =P, + PAE+ PAE+ PAP+ p4A¢ (21)
where py is the pressure at the static equilibrium position and
pi-ps are the perturbed pressures. Then, by substituting
Eq.(21) into Egs.(10) and (11), one can obtain the linearized
fluid-film forces.

W, =W, +k As+k,Ap+b As+b Ad  (22)

W, =W,, +k,, Ac +k, ,Ap+b, Aé+b A (23)
where four stiffness coefficients (K, Kg., K
damping coefficients (b, b, b
follows.

0 Kyp) and four

b,,) are calculated as

(23] eQy

_,J‘ '[ p, cosad &z
@ = —ZJ_JO p, coséd adz

Ky = —%J:I;& cosad iz

_%tﬁ@ cosd &z
1l 27 . (24)
=Z.L.Lplsln9d6dz
:%ﬁﬁgzsinéﬂajz

) =%J:j:?)3sin6d6dz

by = [, |, Pasinaadz |

Assuming the solutions of the equations of motion as
X =X.e¥,Y =Y,e* and by considering the homogeneity

of the equations, an fourth-order characteristic equation is
derived.

(25)

where

= A, +(A’Q/T2)A, (26)
= (A’Q/T2)A

= (A°Q/72)?
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and

A =K;B,+K,B, -K,B; -K;B,
A, =K, K, -K,K,

A, =B,B, -B,B;
A, =K, +K,
A, =B, +B,

By applying the Routh-Herwiz stability criterion to Eq.(25),

one can obtain the relations about the threshold speed of whirl

in

stability.
v =(AT+ AN -AAA) AN’ (27)

A =T2A /VPOA,

In the calculation, the threshold speed of whirl instability is

(28)

determined with satisfying Eq.(1) and Egs.(27) and (28).

E. Nonlinear Transient Stability Analysis

high dimensionless rotational speed. In this analysis, the
threshold speed computed with the consideration of the
centrifugal growth is higher than that without it. It is supposed
that in the bearing analyzed here, the decrement of the film
thickness by the centrifugal growth of the shaft resulted in
improving the bearing stability. This study simulated an
aluminum shaft which was used in the past bearing test [16]. It
can be mentioned that not only to design the herringbone
groove parameters but also to control the centrifugal growth
of rotating shaft is also important to increase the threshold
speed of whirl instability. Fig. 3 makes clear that the bearing
with the groove parameters of 0.3<a<0.5 and 1.5<H<2.0 have
higher threshold speed of whirl instability. Note that
considering the centrifugal growth, the proper values of a and
H slightly shift to the left in the figure. From Fig. 4, for H<1.5
the whirl frequency ratio remains constant of v=0.5. On the
other hand, for 1.5=H the whirl frequency ratio is changed
with the groove parameters. In addition, it increases as the
groove width ratio increases.

The nonlinear transient analysis can analyze the journal
center locus without the assumption of the small sine
vibration to journal behaviors. This analysis requires the
solution of equations of motion (Eq.(14) and Eg.(15))
coupled with the lubrication equation (Eq.(1)) as a function of
time. The journal center orbits are calculated with repeating
two processes, shown as follows.

1) To calculate the fluid film force for the position and the
velocity of the journal center at 7=z, solving the
lubrication equation.

To calculate the position and the velocity of the journal

center at t=z,.1, solving the equations of motion by the

Runge-Kutta-Gill method.

In this study, it is considered that the bearing system is

stable if the journal center orbit converges to each steady-state

point while unstable if it diverges.

2)

IV. RESULTS AND DISCUSSION

Fig. 3 shows the threshold speed of whirl instability for
various groove geometries. This figure means that the bearing
induces whirl instability at the rotational speed above the
threshold line. Fig. 4 shows the relation between the whirl
frequency ratio and the groove depth ratio. In these figures,
the groove depth (H) and the groove width ratio (a) are
parametrically changed. Although the groove angel is one of
the groove design parameters, the effect on the threshold
speed was small in this analysis. For that reasons, the results
for the groove angle of 20 degree are shown in this paper.

The solid lines are the results by the analysis with the
consideration of the centrifugal growth whereas the broken
lines are those without it. When the bearing specification
remains constant, the groove is deeper as H increases. Note
that H=1 means the results for the plane bearing. The mass of
the shaft is heavier as Q increases.

As seen in Fig. 3, the threshold speed of whirl instability for
0=0.5 is greater than that for ©=1.0. As mentioned later,
since the effect of the eccentricity ratio on the threshold speed
is not large in this bearing system, the results for ¢=0.1 are
shown here. Fig. 3 shows the effect of the centrifugal growth
of the shaft on the threshold speed. This effect is significant in
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Fig. 3. The threshold speed of whirl instability for various groove

geometries.

[ a=0.3
=03 [ |10 a=0.1
=0.1
= 0.2 E=20 with centrifugal growth
01 - - . without centrifugal growth
0
1 2 3 4

Groove depth ratio H

a) Q=1.0



International Journal of Materials, Mechanics and Manufacturing, Vol. 4, No. 3, August 2016

0.9
< 08
207
i
0.6
205
504
1S
@< 03
g 02 r with centrifugal growth
0.1 = = . without centrifugal growth
0 I
2 3
Groove depth ratio H

b) Q=05

0=0.5
e=0.1
B=20

which is left the threshold line, it has a converging orbit. As
time progress the shaft settle down to a steady state position.
The unstable system as represented at the point C, which is
right the threshold line. It has a diverging orbit. As time
progress the shaft is going to hit the bushing and it must lead
to severe bearing failure. On the threshold line the system
represented at the point B has the limit cycle, in which the
orbit neither converges nor diverges with time. These results
obtained from the nonlinear transient stability analysis are in
good agreement with that from the linear perturbation
stability analysis.

Bearing number A
10

Fig. 4. Relations between whirl frequency ratio and groove parameters. 0 20
0
Fig. 5 shows the threshold speed of whirl instability for woa |
each eccentricity ratio, it is so-called stability map. In this 2 '
figure, the left side from the stability threshold line is stable =04 |
whereas the opposite side is unstable. When the shaft is o6 -
operated on the unstable region in the map, the shaft induces g Stable <—[—> Unstable
the whirl instability. As seen in Fig. 5, the eccentricity ratio w 0.8  oeration stait
has weak effect on the threshold speed in this bearing. Fig. 6 1l octold line
shows the results of the nonlinear transient analysis at the Fig. 5. Stability chart.
point A, B and C on the operating curve shown in Fig. 5.
When the bearing is stable as represented at the point A,
03 - -0.3 - -1.0
Point A Point B Point C
-0.1 - 01 -
-0.3 01 0.1 03 .03 -0.1 0.1 0.3
{|(® 0
Converging Limit cycle
orbit orbit
03 - 03 |
a) Journal center orbits
1r Point A Lo Point B 0; | Point €
08 08 ST
06 | 06 | " 0.6 |
® 5. 04 - Sc 04 -
Sg 04t 38, g€ 02
8502 ¢ 5892 [ 58" /\/\l\
28 ) Mvanaa————  £5 o AV, %%‘)vyv‘
=G >'< P54 _ -
‘Es>é 02 0 20 40 60 80 100 g.E -02 6 20 40 60 80 100 g.E 02 0 0 u 50 8.0 100
5,'_ 0.4 Dimensionless time t S .0.4 | Dimensionlesstimet S .04 + Dimengofflesstimet
06 I -06 -0.6 |
08 - -0.8 -0.8 -
1 L -1 - -1
b) Relations between journal behaviors in X-direction and time
Fig. 6. Analytical results by the nonlinear transient analysis for the operating conditions at A, B and C.
Using these values, the threshold speeds are computed to
A. Example

When the groove parameters is set to be ©=0.5, H=1.6,
0=0.3, and =20 deg, the threshold speed of whirl instability
is 41=25 as shown in Fig. 3. For this case study, let us consider
the following bearing specifications, which was identical to
the past bearing test [16].

C =4Xx10°m, R=3x10"m, L=6X10"m,
=1.8%10°Pa-s, p,=101325Pa
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be about N =0.39x10° and N =0.20x10°rpm for 2.3 and
4.6g weight shaft, respectively.

V. CONCLUSIONS

In this study, the stability analysis of the herringbone
grooved aerodynamic journal bearings was performed to
clarify the proper groove geometry for further ultra
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high-speed operations. The results obtained here are as
follows.

1) The effect of the centrifugal growth of rotating shaft was
significant in high dimensionless rotational speed.

The proper groove geometry for ultrahigh speed
operations was 0.3<a<0.5 and 1.5<H <2.0. Considering
the centrifugal growth of the shaft, the proper values of «
and H slightly decreased.

2)
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